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ABSTRACT 

Turbodrill (turbine down hole motor) has been recently proposed by the authors as the preferred drive 

mechanism with high rotation speed for hard rocks drilling for deep mineral exploration applications. 

Turbodrill is a type of hydraulic axial turbomachinery in which turbine motor section has multistage of rotors 

and stators that convert the hydraulic power provided by the drilling fluid to mechanical power with diverting 

the fluid flow through the stator vanes to rotor vanes. This paper presents a methodology for designing 

multistage turbodrills with asymmetric rotor and stator blades configurations. The numerical simulation 

approach and the simulations results carried out using computational fluid dynamics (CFD) code for the 

proposed small size model of turbodrill stage with different drilling fluid (mud) types and various mass flow 

rates are presented. As a result optimum operational parameters are proposed for gaining the required rotation 

speed and torque for hard rocks drilling. 

 

Keywords: Hydraulic Turbodrill; Turbine down hole motor; Coiled Tube (CT) drilling; Computational 

Fluid Dynamics (CFD); Numerical Simulation. 
 

1. INTRODUCTION 

Coiled Tube (CT) Turbodrilling technology has 

been recently proposed for drilling deep hard rocks 

for mineral exploration applications, Mokaramian et 

al. (2012). Coiled Tube (CT) is a continuous length 

of ductile steel or carbon fiber tube that is stored 

and transported over a large reel (see Fig. 1). The 

CT Unit (CTU) consists of four basic elements: 1) 

Reel, for storage and transport of the CT, 2) Injector 

Head, to provide the surface drive force to run and 

retrieve the CT, 3) Control Cabin, from which the 

equipment operator monitors and controls the CT, 

and 4) Power Pack, to generate hydraulic and 

pneumatic power required to operate the CT unit. In 

mineral exploration, drilling small size holes as fast 

as possible and obtaining reliable samples to the 

surface yields several advantages over conventional 

drilling methods. Coiled tube (CT) allows fast 

drilling by eliminating the connection time and 

providing continuous circulation during drilling. 

This enables quick access to the zone of interest to 

collect the cuttings or obtain core samples. 

Coiled tube itself cannot rotate and therefore a 

down hole motor is needed to provide mechanical 

power and rotation to the bit. There are many 

special design criteria to be considered for 

successful operation of down hole motors in CT 

drilling (Beaton and Seale. 2004; RIO 2004; IT 

2007). One major concern is that it is often difficult 

to produce enough weight on bit (WOB) to 

maximize the rate of penetration (ROP) for 

optimized drilling. Since the ROP of a fixed cutter 

drill bit is a product of the depth of cut (DOC) and 

the rotation speed and because the DOC is primarily 

produced by the available WOB, in an environment 

where WOB is limited (as with CT drilling); high 

rotation speed is the key driver for ROP, Beaton 

and Seale (2004). Amongst available down hole 

motors, turbodrills (turbine motors) are the best 

choice to be used for small size CT drilling hard 

rocks, Mokaramian et al. (2012): this results in a 

smooth borehole with little vibrational effects 

during drilling and produce a high quality hole. The 

turbine motor section has multistage of stators and 

rotors which converts the hydraulic power provided 

by the drilling fluid (pumped from surface) to 

mechanical power with diverting the fluid flow 

through the stator vanes to rotor vanes. The fluid 

will run through the turbodrill and the bit nozzles to 

cool the bit and remove the cuttings generated 

under the bit. It will finally carry the cuttings inside 

the annulus between CT and the hole to the surface. 

http://www.jafmonline.net/
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2. TURBODRILL CHARA CTERISTICS 

In general, the down hole turbine motor (Turbodrill) 

is composed of two sections: turbine motor section 

and bearing section i.e. thrust-bearing and radial 

support bearing, Eskin and Maurer (1997). Figure 2 

shows a typical Turbodrill assembly and the fluid 

flow path  

 

Fig. 1. Schematic of the coiled tubing unit for 

hard rocks mineral exploration drilling. 

 

 
 

Fig. 2. Turbodrill assembly and schematic fluid 

flow through turbine stages, after Beaton and 

Seale (2004). 

through turbine stages. The turbine motor section 

has multistage of rotors and stators and plurality of 

rotor and stator vanes on each rotor and stator. 

The activating drilling fluid is pumped at high 

velocity through the motor section, which, because 

of the vane angle of each rotor and stator (one 

stage), causes the rotor to rotate the shaft of the 

motor which is connected to the bit. The energy 

required to change the rotational direction of the 

drilling fluid is transformed into rotational and axial 

(thrust) force. This energy transfer is seen as a 

pressure drop in the drilling fluid. The thrust is 

typically absorbed by thrust bearing. The rotational 

force causes the rotor to rotate relative to the 

housing. In practice, multiple stages are stacked 

coaxially until the desired power and torque is 

achieved. 

The primary role of the stator is to swirl the drilling 

fluid prior to entering the rotor. At the same time, 

the pressure drop across the stator should be 

minimized because it increases the pressure 

required to pump the drilling fluid. Due to the fact 

that the stator is rotationally fixed relative to the 

housing of the turbodrill, any rotational force 

generated is absorbed by the housing and is 

therefore wasted. The primary role of the rotor is to 

transform the energy of the drilling fluid into 

rotational energy for rotating the drill bit. This is 

achieved by changing the direction of the fluid 

flow. The force required to turn the fluid causes a 

reaction force on the rotor vanes resulting in turning 

the rotor. 

The main operating parameters that dictate the size 

of the turbine motors are torque, speed, and mud 

weight, Sanchez et al. (1996). Due to 

hydrodynamics function, the output power of a 

turbine motor is not linear with the mud flow rate 

and 20% decrease in the mass flow rate causes a 

50% reduction in the turbine motor output power, 

Reich et al. (2000). A turbine device has the unique 

characteristic that it will allow mud circulation 

independent of what torque or power the motor is 

producing. If the turbine motor is lifted off the 

bottom of the borehole and mud circulation 

continues, the motor will speed up to the runaway 

speed. In this situation the motor produces no 

drilling torque or power. As the turbine motor is 

lowered and weight is placed on the motor and thus 

the bit, the motor begins to slow its speed and 

produce torque and power. When sufficient weight 

has been placed on the turbine motor, the motor will 

produce its maximum possible power. If more 

weight is added to the turbine motor and the bit, the 

motor speed and power output will continue to 

decrease and torque continuously will increase till 

the motor cease to rotate and the motor is described 

as being stalled, Lyons and Plisga (2005). At this 

condition, the turbine motor produces its maximum 

possible torque. Even when the motor is stalled, the 

drilling fluid is still circulating. 

It is almost impossible to determine formulae for 

turbines under working conditions, Eskin and 

Maurer (1997). Laboratory experiments using 

drilling dynamometer test stand have to be 

conducted to determine nominal data on 

Turbodrills. If the performance parameters for a 

turbine motor design are known for a given 

circulation flow rate and mud weight, the 

performance parameters for other circulation flow 

rate and mud weight can be found using the 

following mathematical relationships, Eskin and 

Maurer (1997): 

Q
QPQpQTQN

1
;;;; 322   ,    (1) 






1
;;;;

1
 PpTN

,    (2) 

where: 

N = Turbodrill output rotation speed (revolution per 

minute), 

ρ = Drilling fluid (mud) density, 

P = Turbodrill output power, 

T = Turbodrill output Torque, 
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Q = Flow rate, 

∆p = Turbodrill differential pressure, 

η = Turbodrill efficiency. 

Depending on the skills of the turbodrill operator 

the speed may vary from zero rpm to the runaway 

speed. The turbine motor instantaneous torque T 

(N.m) for any rotation speed N (rpm) is: 











r

s
N

N
TT 1 ,                                                 (3) 

where: 

Ts = Stalled torque (maximum torque), 

Nr = Runaway rotation speed (maximum speed).  

The maximum turbine motor power is at the 

optimum speed, No, which is one-half of the 

runaway speed. This is:  

2

r
o

N
N 

.                                                            (4) 

The torque at the optimum speed To is one-half the 

stall torque. Thus: 

2

s
o

T
T  .                                                                (5) 

Many new turbodrill designs and modifications are 

currently underway to extend the applicability of 

Turbodrilling to coiled tubing operations (Radtke et 

al. 2011, Grigor et al. 2008, Seale et al. 2004). One 

of the most significant developments in progress is 

the creation of a turbodrill that is much shorter than 

existing designs in order to enhance compatibility 

with coiled tube equipment. Other developments 

currently underway to improve the compatibility 

with CT drilling applications include specially 

designed turbine blades for such applications. These 

blades are designed to maximize the power output 

in the shortest possible tool configurations. 

3. TURBODRILL DESIGN 

When designing a hydraulic multistage turbine, it is 

assumed that each turbine stage is identical and that 

the flow rate, pressure drop, rotary speed, generated 

torque, and power transmitted to the shaft are the 

same for each of the stages. 

The basic design of a turbodrill stage is shown in 

Fig. 3. In stator and rotor, the drilling fluid flows 

between two coaxial cylindrical layer with diameter 

D2 and D5. The simplest approach for turbine 

analysis is to assume that the flow conditions at a 

mean radius, called the pitchline, represent the flow 

at all radii Dixon and hall (2010). As a result, in 

order to facilitate the process of design, the 

diameter of Dcp cylinder layer is defined as 

characteristic cylinder layer with the average flow 

conditions. 

The well-known method of building velocity 

triangles (and polygons) is used when designing the 

blade unit profile (see Fig. 4). This method is useful 

for visualizing changes in the magnitude and 

direction of the fluid flow due to its interaction with 

the blade system. Fluid enters the stator with an 

absolute velocity c1 and at an absolute velocity 

angle α1 and accelerates to an absolute velocity c2 at 

angle α2. All angles are measured from the axial 

direction (x). From the velocity diagram, the rotor 

inlet relative velocity w2, at a relative velocity angle 

β2, is found by subtracting, vectorially, the blade 

speed, U, from the absolute velocity c2. The relative 

flow within the rotor accelerates to velocity w3 at an 

angle β3 at rotor outlet. The analysis of the flow-

field within the rotating blades of a turbodrill is 

performed in a frame of reference that is stationary 

relative to the blades. In this frame of reference the 

flow appears as steady, whereas in the absolute 

frame of reference it would be unsteady. This 

makes any calculations significantly more 

straightforward and therefore relative velocities and 

relative flow quantities are used in this study. 

 

 

Fig. 3. Schematic of Turbodrill stage geometry, 

after Eskin and Maurer (1997). 

 

 

Fig. 4. Turbine Stage Velocity Diagrams, Dixon 

and Hall (2010). 

 

Three key non-dimensional parameters are related 

to the shape of the turbine velocity triangles and are 

used in fixing the preliminary design of a turbine 

stage. These are described in the following sections. 
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3.1 Design Flow Coefficient 

Design flow coefficient is defined as the ratio of the 

meridional flow velocity to the blade speed, 

∅=cm/U, Dixon and hall (2010). In general, the flow 

in a turbomachine has components of velocity along 

all three cylindrical axes (axial x, radial r, and 

tangential rθ axes). However, for turbodrill as an 

axial turbomachinery, to simplify the analysis it is 

usually assumed that the flow does not vary in the 

tangential direction. In this case, the flow moves 

through the machine on axi-symmetric stream 

surfaces. The component of velocity along an axi-

symmetric stream surface is called the meridional 

velocity (cm), expressed as: 

22

rxm ccc  .                  (6) 

As a result, in purely axial-flow machines such as 

turbodrill, the radius of the flow path is constant 

and therefore, the radial flow velocity will be zero 

and cm=cx. Therefore, the flow coefficient for 

turbodrill is defined as: 

U

cx .                                                              (7) 

The value of ∅ for a stage determines the relative 

flow angles. A stage with a low value of ∅ implies 

highly staggered blades and relative flow angles 

close to tangential axis, whereas high values imply 

low stagger and flow angles closer to the axial axis, 

Dixon and hall (2010). 

3.2 Stage Loading Coefficient 

The stage loading is defined as the ratio of the 

stagnation enthalpy change through a turbine stage 

to the square of the blade speed, ψ=∆h0/U2. In 

turbodrill that is assumed to be an adiabatic turbine, 

the stagnation enthalpy change is equal to the 

specific work, ΔW, and because it is a purely axial 

turbine with constant radius, we can use the Euler 

work equation (∆W=U×∆cθ) to write, ∆h0=U×∆cθ , 

Dixon and hall (2010). As a result, the stage loading 

for turbodrill can be written as: 

U

c


 ,                                                             (8) 

where ∆cθ represents the change in the tangential 

component of absolute velocity through the rotor. 

Thus, high stage loading means large flow turning 

and leads to highly “skewed” velocity triangles to 

achieve this turning. Since the stage loading is a 

non-dimensional measure of the work extraction per 

stage, a high stage loading is desirable because it 

means fewer stages needed to produce a required 

work output, Dixon and hall (2010). As a result, 

with designing blades leading to large flow turning, 

the stage loading coefficient will be higher and 

smaller turbodrill with lesser stages can result to the 

required power as long as being limited by the 

effects that high stage loadings have on efficiency. 

3.3 Stage Loading Coefficient 

The stage reaction is defined as the ratio of the 

static enthalpy drop in the rotor to the static 

enthalpy drop across the turbine stage, Dixon and 

hall (2010): 

31

32

hh

hh
R




 .                                                      (9) 

Taking the flow through a turbodrill as isentropic, 

the equation of the second law of thermodynamics, 

Tds=dh-dp/ρ can be approximated by dh=dp/ρ, and 

ignoring compressibility effects, the reaction can 

thus be obtained as, Dixon and hall (2010): 

31

32

pp

pp
R




 .                                                   (10) 

The reaction therefore indicates the drop in pressure 

across the rotor compared to that of the stage. It 

describes the asymmetry of the velocity triangles 

and is therefore a statement of the blade geometries, 

Dixon and hall (2010). For example, a 50% reaction 

turbodrill implies velocity triangles that are 

symmetrical, which leads to similar stator and rotor 

blade shapes. Typically, in prior turbodrills design a 

50% reaction was selected (i.e. the stator blades and 

the rotor blades are symmetric), Natanael et al. 

(2008). In contrast, a zero reaction turbodrill stage 

means a little pressure change through the rotor. 

This requires rotor blades that are highly cambered, 

that do not accelerate the relative flow greatly, and 

low cambered stator blades that produce highly 

accelerating flow. Axial thrust resulting from the 

reaction on the rotor blade is typically absorbed by 

thrust bearings. A higher reaction typically 

increases the thrust created by the rotor vane, which 

must then be absorbed by thrust bearings. By 

significantly reducing the amount of axial thrust 

absorbed by the thrust bearings, the friction in the 

thrust bearings can be reduced, thereby decreasing 

resistance to rotation of the shaft and increasing the 

efficiency of the turbodrill as a whole. 

4. PRELIMINARY TURBODRILL STAGE 

DESIGN 

The process of designing the best turbodrill for a 

given application involves juggling several 

parameters that may be of equal importance. In 

consequence, a simple presentation can hardly do 

justice to the real problem of an integrated design. 

The main goal in the preliminary stage design of a 

turbodrill is to fix the shapes of the velocity 

triangles, either by setting the flow angles or by 

choosing values for the three dimensionless design 

parameters, ∅, ψ, and R. 

In normal multistage turbodrill, with identical mean 

velocity triangles for all stages, the axial velocity 

and the mean blade radius must remain constant 

throughout the turbodrill, therefore cx=cm=constant, 

α1= α2, and we have: 

2

22

hsh
rmsm

rr
rr


 .                                  (11) 

From the specification of the turbodrill, the design 

will usually have a known mass flow rate of the 
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drilling fluid and a required power output. As a 

result, the specific work per stage can be 

determined from the stage loading and the blade 

speed and, consequently, the required number of 

stages can be found as following: 

2U

W
nstage




 .                                                   (12) 

An inequality is used in this equation, because the 

number of stages must be an integer value. The 

equation here shows how a large stage loading can 

reduce the number of stages required in a multistage 

turbodrill. Also it shows that a high blade speed, U, 

is desirable as it will reduce the number of required 

stages. 

For turbodrills, several useful relationships can be 

derived relating the shapes of the velocity triangles 

to the three dimensionless design parameters. These 

relationships are important for the preliminary 

design. Starting with the definition of the stage 

reaction, and accepting no work is done through the 

stator, so the stagnation enthalpy remains constant 

across it and after proper substitutions, finally the 

relations between flow coefficients and angles are 

obtained as following: 

   1223 tantan
2

1tantan
2







R
(13)  

Also it can be obtained that: 

 1tan12   R
.                               (14) 

Two important angles in the geometry of a rotor 

vane are β2 and β3. These two angles are important 

factors in the performance of the rotor vane because 

they determine the change in the direction of the 

drilling fluid passing through the rotor blade. β2 

plus β3 is preferably less than 120 degree to avoid 

excessive blade turning, which can damage the 

rotor vanes, Natanael et al. (2008). 

To determine β2 and β3 from Eq. (13) we can write: 

 23 tantan
2

 
U

c
R x

.                     (15) 

then, 











 

2

1

3 tan
2

tan 
xc

UR
.                    (16) 

Also the work done on the rotor by unit mass of 

fluid, the specific work, equals the stagnation 

enthalpy drop incurred by the fluid passing through 

the stage and according to the Euler work equation 

this can be written mathematically as: 

 320 tantan   xUccUhW
. (17) 

The output power of each stage is obtained as 

following: 

 32 tantan   xQUcWQP
.(18) 

Also the output torque of each stage is: 

 32 tantan   xmcQrT
.                (19) 

Solving for β3 results in: 











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2

1

3 tantan 



xQUc

P
.             (20) 

Equations (16) and (20) can be combined to solve 

for β2. This yields: 











 

xx c

UR

QUc

P




2
tan 1

2 .                (21) 

The fluid exiting from the stator vane should leave 

with a close angle to the inlet angle β2 of the rotor 

vane. This helps in avoiding an abrupt direction 

change of the fluid, which can result in the fluid 

separation on the rotor vane. Fluid separation 

results in energy losses that increase the load on the 

pumps, while not providing rotational force to 

rotate the rotor. Fluid separation also occurs at the 

trailing edges of the stator and rotor vanes, Natanael 

et al. (2008). 

After calculating β2 and β3, a stagger angle (ξ) can 

be determined that is the angle between the chord 

line and the axial flow direction. After determining 

the stagger angle, the ideal length of the chord can 

be calculated based on the angle and desired length 

of the rotor vane. With the basic profile of the rotor 

vane determined, the stator exit angle can be 

calculated. The stator exit angle, α2, may be 

selected to be substantially similar to the rotor inlet 

swirl angle and is calculated as: 










 
 

x

x

c

Uc 21

2

tan
tan


 .                   (22) 

With the profile of the stator and rotor vanes being 

defined, an optimum number of blades per stator 

and rotor and the chord lengths of the blades can 

also be estimated during the preliminary design. 

The aspect ratio of a blade row is the height, or 

blade span, divided by the axial chord, H/b. A 

suitable value of this is set by mechanical and 

manufacturing considerations and will vary 

between applications. Typically, in prior turbodrills 

design the aspect ratio for rotor blades was 0.5. It 

has been found that energy losses may be reduced 

by increasing the aspect ratio of the stator and/or 

rotor blades, Natanael et al. (2008).To find the ratio 

of blade pitch to axial chord, S/b, the Zweifel 

criterion for blade loading can be applied. The 

Zweifel criterion states that for turbine blades there 

is an optimum space-chord ratio that gives a 

minimum overall loss. Typically, the Zweifel 

criterion, Z, is assumed to be between 0.5 and 1.2, 

Dixon and Hall (2010). If the spacing between the 

blades is made small, the fluid receives the 

maximum amount of guidance from the blades, but 

the friction losses will be large. On the other hand, 

with the same blades spaced well apart, friction 

losses are small but, because of poor fluid guidance, 

the losses resulting from flow separation are high, 

Dixon and Hall (2010). 
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For a known axial chord, knowing S/b fixes the 

number of blades on each stator and rotor row as, 

Dixon and Hall (2010): 

 
bZ

r
N m

B



 323

2 tantancos4 
.       (23) 

While it is common to have the same number of 

blades per rotor and stator, it is worth to examine 

various numbers of blades on the rotor and stator 

and check the performance with computational fluid 

dynamics (CFD) simulations. 

5. NUMERICAL SIMULATIONS 

In this study with the objective of fluid flow 

simulations through small diameter turbodrill 

suitable for CT Turbodrilling system, ANSYS 14.0 

TurboSystem tools together with ANSYS CFX 

were utilized to investigate the turbodrill 

performance with different mass flow rates of pure 

water, air and mist running in various rotation 

speeds. Here, the objective is to increase optimized 

output power and rotation speed suitable for hard 

rocks CT Turbodrilling system to reach higher 

drilling rates. 

 

5.1 Geometry and Meshing 

The shroud (housing) and hub (shaft) diameters of 

the turbodrill for the applications of this study were 

set to be 5 and 2.6 cm, respectively. Consequently, 

the spanwise height (H) will be 1.2 cm for this 

model with no shroud tip between blade tip and 

housing, i.e. the blades are connected to the 

housing. The axial chord is 1.5 cm with 14 blades 

on both stator and rotor rows. Fig. 5 shows the 

geometry model of the one stage turbodrill prepared 

for the simulation which is shown here without 

housing for better illustration. 

After building the geometry of the blades row on 

the stator and rotor, a three-dimensional high 

quality hexahedral mesh with mesh resolution of 

about 1×106 numbers of hexahedral elements for 

the domain (one blade of stator and rotor interacting 

together) was generated to obtain high quality 

output simulation results. The boundary layer is 

resolved to ensure a near-wall y+ of less than 1 to 

comply with wall function constraints. Figure 6 

shows the blade to blade view of the high quality 

mesh for the stator at mid-span. 

 
Fig. 5. Geometry model of the one stage 

turbodrill prepared for the simulation. 

 
Fig. 6. Blade to blade view of the high quality 

hexahedral mesh for the stator at the mid-span. 

5.2. Physics Definition and Governing 

Equations 

In this study the flow field is calculated based on 

the Reynolds-Averaged Navier–Stokes (RANS) 

equations which are derived from the governing 

Navier–Stokes equations by decomposing the total 

relevant flow variables into a mean quantity (time-

averaged component) and fluctuation component 

(i.e. for velocity, u=U+u'). Here, time-averaged 

RANS equations, supplemented with two 

turbulence models of the k-ε (k-epsilon) for water 

and shear stress transport (SST) which uses a 

combination of the k-ε and k-ω (k-omega) for air 

and mist flow have been used in CFD simulations. 

Substituting the averaged quantities into the original 

Navier–Stokes transport equations results in the 

RANS equations given below in tensor notation: 

  0








j

j

U
xt




,                                        (24) 

    Mjiij

ji

ji

j

i Suu
xx

p
UU

xt

U
























,(25) 

where τij is the stress tensor (including both normal 

and shear components of the stress) defined as 

below: 
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The Reynolds averaged energy equation in tensor 

notation is: 
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where, htot is the total enthalpy, related to the static 

enthalpy, h, by htot=h+0.5 U2. 

For an incompressible Newtonian fluid (i.e. for pure 

water), the RANS equations are expressed in tensor 

notation as following: 
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where fi is a vector representing external forces and 

δij is the Kronecker delta function (δij=1 if i=j and 

δij=0 if i≠j). Also, Sij is the mean rate of strain 

tensor: 
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Here for the mist simulations (mixture of air as 

continuous phase and water droplets as dispersed 

fluid particle), a Lagrangian Particle Tracking 

multiphase model has been used. This particle 

transport model is capable of modeling dispersed 

phases which are discretely distributed in a 

continuous phase. The modeling involves the 

separate calculation of each phase with source 

terms generated to account for the effects of the 

particles on the continuous phase. Also the 

separated flow analysis method was used in which 

each particle represents a sample of particles that 

follow an identical path. The behavior of the 

tracked particles is used to describe the average 

behavior of the dispersed phase. The actual number 

of particles modeled by the representative particle is 

called the Particle Number Rate. The particle 

number rate is determined from the mass flow rate 

assigned to the representative particle divided by 

the mass of an actual particle. 

Here, the objective of using mist as drilling fluid is 

to add some amount of water to the pumped air to 

provide cooling to the down hole tools and 

especially to provide sufficient cooling to the 

impregnated diamond bit which is cutting the rock 

by grinding action and produce a large amount of 

head on bit face. The large surface area of the small 

water droplets leads to high evaporation rates which 

extract large amounts of heat. In addition, as the 

water droplets are converted to steam they expand 

approximately 1700 times. 

In this study, the liquid particle and gas phases were 

modeled as fully coupled, due to the relatively 

significant mass of water that interacts with the gas 

phase; that is, the momentum transfers from 

particles to gas, and from gas to particles, were 

resolved. The choice of one-way or full coupling 

for particles depends on the mass loading, that is, 

the ratio of the mass flow rate of particles to the 

mass flow rate of fluid. One-way coupling may be 

an acceptable approximation in flows with low 

mass loadings where particles have a negligible 

influence on the fluid flow. If the particles influence 

the fluid flow significantly, then full coupling 

should be used. The particle source terms acting on 

the fluid phase are proportional to the particle 

number rate and the convergence of a simulation 

can be improved if a sufficiently large number of 

particles are tracked. Full coupling requires that the 

particle source terms are included in the continuous 

phase momentum equations. The momentum 

sources could be due to turbulent dispersion forces 

or drag forces. 

Particle drag was modeled using the Schiller-

Naumann drag model for sparsely distributed, 

small, and spherical particles. Interphase heat 

transfer was modeled with Ranz-Marshall 

correlations which are good for spherical particles. 

The heat transfer option was set to Total Energy for 

air (continuous phase) and to Particle Temperature 

for water particles. The turbulence model used here 

in a particle tracking simulations only applies to the 

continuous phases. Turbulence can affect the 

particles through the particle dispersion force, but 

the particles can have no effect on the turbulence of 

the continuous phase, other than indirectly by 

affecting the velocity field. 

The parallel and perpendicular restitution 

coefficients describe the action of particles when 

they hit a wall. Coefficient values of 1 described an 

elastic collision, while values less than 1 describe 

an inelastic collision. The parallel coefficient will 

almost always be 1. The perpendicular coefficient 

will depend on the particle material. Particles that 

bounce off walls will have a perpendicular 

coefficient close to 1, while particles that stick to 

walls will have a perpendicular coefficient of 0. 

Here, only a few simulation results were included in 

which both of the restitution coefficients were set 

equal to 1 for all walls in the domain.  

The physical mechanisms by which small particles 

are transported by a turbulent fluid flow are 

complex. Here, the particle tracking is carried out 

by forming a set of differential equations in time for 

each particle, consisting of equations for position, 

velocity, temperature, and masses of species. These 

equations are then integrated using integration 

methods to calculate the behavior of the particles as 

they traverse the flow domain. Here, the particle 

displacement is calculated using forward Euler 

integration of the particle velocity over timestep 

(δt). The particle displacement is given as: 

tUxx o
P

o
P

n
P 

                                                     (30) 

where the superscripts o and n refer to old and new 

values respectively, and o

PU  is the initial particle 

velocity. In forward integration, the particle 

velocity calculated at the start of the timestep is 

assumed to remain constant over the entire step. At 
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the end of the timestep, the new particle velocity is 

calculated using the analytical solution to the 

particle momentum equation: 

all
P

P F
dt

dU
m  ,                                              (31) 

where 
allF

 
is the sum of all forces acting on a 

particle. In this study, considering a discrete particle 

traveling in a continuous fluid medium, three 

important forces acting on the particle that affect 

the particle acceleration are drag force, buoyancy 

force and forces due to domain rotation (centripetal 

and Coriolis forces). Therefore, it results at:

 

RBD
P

p FFF
dt

dU
m  ,                           (32) 

where, 

FD = drag force acting on the particle, 

FB = buoyancy force due to gravity, 

FR = forces due to domain rotation (centripetal and 

Coriolis forces). 

For spherical particle used here, the particle mass 

can be obtained as: 

PPp dm 
 3

6
 .                                                (33) 

The aerodynamic drag force on a particle is 

proportional to the slip velocity, US, between the 

particle and the fluid velocity, resulting at following 

equation, ANSYS (2011): 

ssFFDD UUACF 
2

1
 ,                             (34) 

where 
PFS UUU   and CD is the drag coefficient 

and AF is the effective particle cross section. The 

particle momentum source due to drag is calculated 

from the following equation, ANSYS (2011): 

ssFFDD UUACF
dt

dS


2

1
 .           (35) 

The source, S, added to the continuous phase is then 

multiplied with the number rate for that particle. 

The buoyancy force is the force on a particle 

immersed in a fluid. The buoyant force is equal to 

the weight of the displaced fluid and is given by: 
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6
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(36) 

where g is the gravity vector. 

In a rotating frame of reference, the rotation term is 

an intrinsic part of the acceleration and is the sum 

of Coriolis and centripetal forces, ANSYS (2011): 

 PPPR rUmF  22 ,               (37) 

where, Ω is the angular velocity and rP is the 

particle distance with the axis of rotation. 

In turbulent tracking, the instantaneous fluid 

velocity is decomposed into mean, fv , and 

fluctuating, 
fv , components. The particle 

trajectories are not deterministic here and two 

identical particles, injected from a single point, at 

different times, may follow separate trajectories due 

to the random nature of the instantaneous fluid 

velocity. It is the fluctuating component of the fluid 

velocity which causes the dispersion of particles in 

a turbulent flow, ANSYS (2011). The model of 

turbulent dispersion of particles that is used in 

ANSYS CFX, assumes that a particle is always 

within a single turbulent eddy. Each eddy has a 

characteristic fluctuating velocity, 
fv , lifetime, τe, 

and length, le. When a particle enters the eddy, the 

fluctuating velocity for that eddy is added to the 

local mean fluid velocity to obtain the instantaneous 

fluid velocity. The turbulent fluid velocity, 
fv , is 

assumed to remain as long as the particle/eddy 

interaction time is less than the eddy lifetime and/or 

the displacement of the particle relative to the eddy 

is less than the eddy length. If either of these 

conditions is exceeded, the particle is assumed to be 

entering a new eddy with new characteristic
fv , τe 

and le, ANSYS (2011). The turbulent velocity, eddy 

length and lifetime are calculated based on the local 

turbulence properties of the flow as following, 

ANSYS (2011): 

  5.0
3/2kv f  ,                                            (38) 




2/34/3 kC

le  ,                                                 (39) 

  5.0
3/2/ klee  ,                                          (40) 

where k and ε are the local turbulent kinetic energy 

and dissipation, respectively, and Cμ is a turbulence 

constant. The factor 4/3

C  was chosen to relate the 

characteristic length scale to the eddy dissipation 

length. The variable Γ is a normally distributed 

random number which accounts for the randomness 

of turbulence about a mean value. 

In this study, the equations of motion of individual 

particles are solved without considering collisions 

between particles and as a result the presence of 

other particles is not taken into account. 

 

Fig. 7. Blade to blade view of the model. 
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In this paper, because of the periodic symmetry 

between the blades on stator row and also on rotor 

row and having the same number of blades on each 

row, i.e. pitch ratio of 1, the simulations were 

conducted for one blade of stator and one blade of 

rotor interacting with each other. Figure 7 shows 

the blade to blade view of the model. The results 

will show velocity vectors at 50% span between 

hub and shroud and pressure profiles on the 

meridional view of the flow passage. 

6. SIMULATION RESULTS 

In overall, the simulation results show that the 

turbodrill performance is highly dependent on the 

mass flow rate of the drilling fluid. As the mass 

flow rate is increased the expected optimum 

rotation speed and output power of the turbodrill 

increases. While the mass flow rate of the drilling 

fluid reduces, the output rotation speed, the power 

and consequently the shaft torque will drastically 

decrease to allow the velocity vectors entering rotor 

be aligned with the rotor inlet angle (to be effective 

in producing rotational effects on the rotor blades). 

Figures 8 to 10 show the CFD simulation results for 

water and with 6 Kg/s of mass flow rate and with 

three different rotation speeds of 2, 3 and 4 

thousand revolutions per minute (rpm). Figures 11 

to 13 show the CFD simulation results for water 

and with 7 Kg/s of mass flow rate and with three 

different rotation speeds of 3, 4 and 5 thousand 

rpm. For water, due to limitations on the mass flow 

rates that can be injected from the surface pump 

down through the CT assembly to bottom hole to 

actuate the turbodrill (having huge pressure losses 

through the drilling assembly), the practical mass 

flow rates for this small size CT assembly should be 

below 7 Kg/s, and here with the mass flow rate of 7 

Kg/s, optimum rotation speed is below 4,000 rpm 

and is around 3,000 rpm. Table 1 shows the CFD 

simulation results for one stage proposed turbodrill 

model for the two water mass flow rates of 6 and 7 

Kg/s. 

Figure 14 shows the output power and torque trends 

from the simulation results versus rotation speed 

(rpm) for the two water mass flow rates of 6 and 7 

Kg/s. The simulation results show a very good 

match for the proposed turbodrill model. With this 

chart, the resulted power and torque in any other 

rotation speeds can be obtained with a very good 

accuracy. For more illustration and comparison, the 

basic performance characteristics for a turbine 

down hole motor (with 17 cm outer diameter) are 

shown in Fig. 15 for a constant flow rate. For a 

specific weight of 1.5 SG of the drilling fluid (mud) 

system the torque/speed relationship and the 

corresponding power output are shown by solid 

lines. In this example to generate the optimum 

mechanical output power, the turbine has to be 

operated at the maximum efficiency which occurs 

at a bit speed of about 1,000 rpm. 
 

Table 1 Water Simulation Results for one stage for the two mass flow rates of 6 and 7 Kg/s. 

Speed (rpm) 
Power (W) 

6 Kg/s 

Power (W) 

7 Kg/s 

Torque (N.mm) 

6 Kg/s 

Torque (N.mm) 

7 Kg/s 

100 12.82 17.67 1224.56 1687.17 

1000 106.95 151.96 1021.41 1451.17 

2000 166.06 249.06 792.94 1189.28 

3000 175.55 291.39 558.83 927.58 

4000 128.71 262.44 307.29 626.58 

5000 5.2 159.24 9.93 304.16 

6000 
 

20.85 
 

33.19 

 

 

Fig. 8. Water flow simulation results with mass flow rate of 6 Kg/s and rotation speed of 2,000 rpm. 
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Fig. 9. Water flow simulation results with mass flow rate of 6 Kg/s and rotation speed of 3,000 rpm. 

 

 

Fig. 10. Water flow simulation results with mass flow rate of 6 Kg/s and rotation speed of 4,000 rpm. 

 

 

Fig. 11. Water flow simulation results with mass flow rate of 7 Kg/s and rotation speed of 3,000 rpm. 

 

Fig. 12. Water flow simulation results with mass flow rate of 7 Kg/s and rotation speed of 4,000 rpm. 
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Fig. 13. Water flow simulation results with mass flow rate of 7 Kg/s and rotation speed of 5,000 rpm. 

 

 

Fig. 14. Water simulation results of one stage proposed turbodrill for the two mass flow rates of 6 and 7 

Kg/s with different rotation speeds. 

 

Fig. 15. Turbodrill performance characteristics versus Mud Weight, Reich et al. (2000). 

 

Fig. 16. Air flow simulation results with mass flow rate of 0.1 Kg/s, and rotation speed of 5,000 rpm. 
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Fig. 17. Air flow simulation results with mass flow rate of 0.1 Kg/s, and rotation speed of 10,000 rpm. 

 

Fig. 18. Air flow simulation results with mass flow rate of 0.15 Kg/s, and rotation speed of 5,000 rpm. 

 

Fig. 19. Air flow simulation results with mass flow rate of 0.15 Kg/s, and rotation speed of 10,000 rpm. 
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Fig. 20. Two phase flow (mist) simulation of air (0.1 Kg/s) and water droplets (0.2 Kg/s) with 

speed of 10,000 rpm. 

 

Fig. 21. Two phase flow (mist) simulation of air (0.15 Kg/s) and water droplets (0.2 Kg/s) with 

speed of 10,000 rpm. 
 

Figures 16 and 17 show the simulation results for 

air flow with 0.1 Kg/s mass flow rate for 5,000 and 

10,000 rpm rotation speed, respectively. Also, 

Figures 18 and 19 show the simulation results for 

air flow with 0.15 Kg/s mass flow rate for 5,000 

and 10,000 rpm rotation speed, respectively. From 

these results it is clear that with air, it can be 

possible to have higher rotation speeds with 

practical air mass flow rates. 

Figures 20 and 21 show the simulation results for 

the two phase flow (mist) of air as continuous phase 

and water droplets as dispersed fluid particle with 

0.1 and 0.15 Kg/s air mass flow rate, respectively. 

In both cases 0.2 Kg/s mass flow rate of water 

particles are simulated. In each time step about 

15,000 particles of water with 0.1 mm specified 

diameter were injected to the domain in the same 

temperature with air flow (25 °C). These figures 

also show the average volume fraction of water 

particles and particle momentum sources in the 

blade to blade view of the mid-span. 

7. CONCLUSION 

Basic design methodology for multistage Turbodrill 

(turbine down hole motor) optimized for small size 

Coiled Tube (CT) Turbodrilling system for deep 

hard rocks mineral exploration applications was 

presented. The results of numerical simulations for 
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turbodrill stage performance with asymmetric 

blades profiles on stator and rotor with different 

fluid, mass flow rates and rotation speeds were 

reported. 

The simulation results included in this paper for 

the specific blades configuration showed that the 

turbodrill performance is highly dependent on the 

mass flow rate of the drilling fluid, i.e. as the 

mass flow rate increases the expected rotation 

speed of the turbodrill and consequently the 

output power and torque will increase. Also, for 

a given range of rotation speeds and drilling fluid 

mass flow rates suitable for optimized 

Turbodrilling system, the turbodrill 

specifications (blade numbers on each row, inlet 

and outlet angles, etc.) should be designed 

specifically in a way that it achieves the 

maximum possible flow hydraulics energy which 

in turn provides the desired mechanical power 

with a high efficiency. 
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